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1. PROLOGUE

This report is a second volume of the 1st full interim scientific report
(1) for the project described in the title, covering the period from month

1 to month 12 of the project. These programme months, which are indicated

in figure 1 {(which is an extract of figure 7 of the original grant proposal

submitted to EOARD) correspond to calendar months March 1985 to March 1986.

The programme of work did not begin in September 1984, as was originally

intended,

(i)

{11)

(111)

(iv)

(v}

for a number of reasons; these are

The grant funding was not submitted to the Polytechnic until
October 1984.

The Polytechnic regulations forbid any attempt to advertise
research assistant posts until the appropriate research funds are

in the Polytechnic’s hands.

There was a delay of 2 - 3 weeks between ordering an advert with

newspaper publishers and the advert actually appearing in press.

The first round of advertising failed to result in the recruitment
of a suitable spplicant, so that a second round of advertising was
necessary, causing a further delay of 2 - 3 weeks. The second
round of adverts were ordered at about the end of November 1984
and appeared in January’s press. (It was considered prudent not
to publish an advert over the Christmas vacation period, so this

also caused a further 2 weeks delay).

The successful applicant was interviewed in February 1985 and

commenced work in March 1985.

-
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As a consequence the above-described delay in the start of the project
work, by August 1985 when the lst volume of the lst full interim scientific
report was written, the work carried out to that moment in time
corresponded to about 5 months work on the project schedule in figure 1.
Thus, volume 1 of this report contains information relating mainly to a
literature survey of hydrostatic bering operation, together with some
details of the appropriate theory of operation under steady loads. It is
noteworthy that the project was at that time on schedule, bearing in mind

the programme start of March 1985.

The authors now understand that the delay in the start of the work had not
been communicated to the American offices of EOARD (although it had becen
discussed with the London Office).As a consequence of the above situation
the American offices of EOARD have requested further information about the
project, partlicularly in relation to its current status and technical
output. This second volume of the report is intended to answer fully any
queries relating to the current status of the project, as well as Lo convey

up to date technical information relating to the work.
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3. SYNOPSIS

This report describes the current status of a research project whose aim 1s
to develop a hydrostatic bearing, for rotating machinery, whose dynamic
characteristics may be tuned during operation of the machine. The purpose
of this is to enable the operator tou exercise some control over machine

critical speeds, and vibrations generally.

A computer program has been written which will predict both the static and
dynamic characteristics of a hydrostatic bearing., The program allows for
the presence of accumulators linked to the hydrostatic bearing recesses via
flow restrictors; by varying these flow restrictors control may be
exercised over the bearing dynamic characteristics. Output from the
compuler program has been uscd as input data to 4 second computer program
which calculates machine vibration amplitude variation with running speed.
Theoretical machine characteristics obtained in this way have been used to
aid the design of a test rig which will be used to examine the practical

performance of the new bearing type being developed.

Theoretical results obtained thus far indicate that a significant change in
bearing dynamic  characteristics may be obtained by adjusting the
accumulator flow restrictor, and that machine critical speeds can be
reduced by over 50%. Tt appears likely that the bearing may enable maximum
vibration amplitudes, within a given speed range, to be reduced by over
90%.




4. NOTATION

SYMBOL MEANING

A Effective area of ane hydrostatic pad

a Cross-sectional area of capillary tube

B Accumulator operating purameter

Cxxr ny; etc Bearing damping coefficients

« Bearing clearance

F Ferce

I Capillary restrictor inertia coefficient
K Inverse flow resistance in capillary tube
Kaxs Kyyi ete Bearing stiffness coefficients

L Length of land around hydrostatic pad

1 Length of capillary tube

M Mass of lubricant in capillary tube

P Lubricant pressurc

Q Lubricant flow rate

K Bearing radius

t Time

y Volume

v Lubricant acceleration in captllary tube
w Bearing land width

% Horizontal displacement of journal

y vertical displacement of journal

I3 Half the included angle for one bearinyg pad
B Pressure pp/pS at zero eccentricity

Y Pressure amplitude in accumulator

€ Pressure amplitude in bearing pocket

£ Phase lag angle of pressure amplitude in bearing pocket
2] Angular location around bearing

K Lubricant bulk modulus

u Lubricant dynamic viscosity

e Lubricant density

T Flow amplitude in supply line

¥ Flow amplitude in accumulator line




SUBSCRIPTS

P

(2%

Phase lag angle of displacement in horizontal direciton

Angular frequency

Relates to accumulator

Relates to a curved land

Relates to flow over Tands

Relates to a non-curved land
Relates to bearing pocket

Relates to bearing supply line
Relates to change of pocket volume
Relates to horizontal direction
Relates to vertical direction
Relates to in-phase component

Relates to quadrature component

,
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5. INTRODUCTION

Unbalance in rotating machinery is responsible for vibration of the machine
rolor, stator, and foundations. These vibrations result in high levels of
nuise, accelerated component wear, increased stresses and a lowering of the
machines fatigue life. Unbalance cannot Le completely eliminated but can
only be minimised, and so these effects are always present; furthermore,
some types of vibration are self-excited and are independent of the

magnitude of the out of balance in the machine.

It is well documented, for example in references (1) to (5) that witk all
types of vibration the amplitudes of the rolor and bearing displacements,
and of the bearing transmitted forces, are dependent upon the stiffness and
duamping assoctated with the bearings and theirv foundations. That is to say
that for a given machine operating at a particular speed, the shaft support
stiffness and damping must take on particular values in order to ensure
that the system vibrations are mimimised. If these values are not adhered

to then high levels of vibration will ensue.

In many cases Lhe potentially large levels of vibration, dependent upon the
shaft support stiffness and damping, are those associated with machine
critical speeds. The designers problem is frequently one of ensuring that
while o machine is able to operate at any particular speed within a given
speed range, it must never be the case that a system critical speed is
«lose to the operating speed. Unfortunately this is not easy to achieve
because calculations of machine critical speeds are frequently inaccurate
due to insufficient knowledge of bearing housing dynamic stiffness and of
oil 11lm behaviour. The situation is further complicated by the fuct Lhat
bearing and foundation stiffness and damping in the horizontal sense may be
different to that in the vertical sense, and so the number of machine

critical speeds may be doubled.

The work to which this report relates is aimed at overcoming the problems
described above by developing a bearing whose stiffness and damping could
be altered while the machipe is in operation. For example in figure 2 the
solid line indicates the form of the respounse of & single mass rotor

mounted on a shaft running in high stiffness supports.
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Figure 2: Typical Response of A Rotating Machine
Operating Near its Tst Critical

Region of 1st Critical Region of 2nd Critical

-pwe Running Speed

Figure 3: Vibration of a Multi-Degree of Freedom System
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The broken line represents the response of the same machine running in low
stiffness supports. Clearly, as the machine speed was being increased, it
would be advantageous to change the shaft support stiffness from a high
value to a low value at the running speed corresponding to the point of
intersection of the two curves. In the case of a multi-degree of freedom
system it may be necessary to make use of several values of shaft support
stiffness so that the machine response may be as indicated by the solid
line in figure 3, the broken lines indicaling critical speeds associated

with particular values of shaft support stiffness.

This report describes an investigation of the effccts of changing the shaft
support stiffness and damping by building into the bearing supports a
number of hydrostatic pads supplied with fluid under pressure via flow
restrictors, the restrictors being required in order to ensure that the
pads will support a static load in a stable manner. The case investigated
was that of rolling element bearings, supported by hydrostatic pads as
shown in figure 4. Also connected to the hydrostatic pads, via additional
flow restrictors, are accumulators (closed vessels containing a gas-filled
flexible bag, the gas, being relatively easy to compress, allows further
0il to enter the accumulators in the space therchy made available).  The
accumulators behave as reservoirs from which o0il may be drawn off or
returned to.  The stiffness and damping of such hydrostatic pads has been
shown in references (6) and (7) to depend largely upon the flow resistance
offered by the restictors in the accumulator lines. By varying the value
of these flow resistances, the entire system support stiffness and damping

can be varied between values close to zero and very high values.
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6. THEORY

6.1 Review of Operation Under Steady Loads

Consider the hydrostatic bearing shown in figure 5 where the displacement
of the (non-rotating) journal from the concentric position is x, in the
horizontal direction and y, in the vertical direction. The concentric
film clearance of the bearing under consideration is C,, and if the journal
eccentricity is e at an altitude angle ¢ as shown, then the film clearance

al any angle 6 is
C - Cy -XpSine+y,Cos 8 . . . . . . . . ... (D

A 'mid-land’ type of approximation is now cmployed, similar to that used by
Raimondi and Boyd (8). The approximation assumes that oil flows out over
the bearing lands only in a direction perpendicular to the land
centre-line, and that the pocket lubricant pressure effectively acts over
an area contained within the land centre-lines. The accuracy of this

approximation has been verified in reference (6).

If the bearing radius of curvature is R, the oil pressure in the pocket Pp,
the oil dynamic viscosity d, hydrostatic pocket land width W, then the oil
flow through an element de over one of the curved lands (not shown in

figure 5) out of the plane of the page, is

C3 R de P
dQ - (2)
12 u W
Substituting for C from equation (1) and integrating between & - -« and «

gives the total oil flow out of the two curved lands of one hydrostatic pad

as
poRC] 1 1 2 2

Q. - B2 [4x+ = 12 uSin«+ = (6x (y,° +x,°) + 3 Sin 2«
12 u W Co Co”

. 3 3
2 s oo 2. Sin
(Yoo = Na ) * T4 (Ayg” (Sina - ZEE ek Sy, TRS) L. . L (@)
o s ;
12.
. . L
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The total oil flow through the two non-curved lands at @ = &« and 8 = - « is
P LC03 3

Qe = £ e [(Cy + yo Cos & — x5 Sin «)
12 u w

f (o v yg Cos (- &) —xg Sin (—o)3] L. L)

which when expanded and added to equation (3) gives the total o0il flow out

of the bearing pocket over the lands as

Q1 f(Xgs ¥o) + « v o v v o e e e e e e e e e e e e e (B

12 uw

where

fixg, ¥oo = (2L + dHe) + 1 (12Ry, Sin « + 6Ly, Cos «)
Co

1 e 2 2 o 2 2
t —5 (BRx {y,” + x,7) # 3R Sin 2« (y,~ - x57)
€y

2 2 2 2
+ By, L Cos“x + bx,7L Sin"«)

3 .3
e L Gary,? (sin o - BB, gpp By Sl
Cy 3 3

] )
i 2Ly, Cosga + Gonzy Sinza Cos X) .« v v v v v e e e e e e ... (B)
The flow into the hydrostatic pocket through the capillary from the
pressurised supply is

Qg Ks (Pg = Pp) v v v i e et e e (D)

13.




»>-

Where Kg is a constant which describes the capillary flow restrictor
characteristics, and Pg is the lubricant supply pressure. Equating

equation (7) with equation (5) gives

Pp Co3
'PP)’ R f'(xo, y()).........,.......(B)
12 u W

Defining B us the ratio PP/PS when the Jjournal is concentric with the

bearing (x, - = 0), equation (8 ives, on re-arranging,
g o 5}

. ¢ 3
K. - . 2 (ARx + 2L) . .« o e e 9

] B 12 uwW

which defines the required value of Kg to ensurce that the bearing operates
with o particular B ratio. When this is the case, the pressure in the
bearing pocket 1s  then given by substituting equation (9) back into

equation (8) to give

B

s 1 - B (4R + 2L)

T—% (4Rx + 2L) + f(Xos Yo) N e )]

whercupon the steady load carried by the bearing may be evaluated as

T O U

where Pp is given by equation (10) and A is the bearing pad effective area

contained within the land centre-lines.
The tubricant pumping power required by the bearing is given by

S € )

-y
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The above-described theory was applied in turn to each hydrostatic pad of a
4 pad bearing (one hydrostatic pad at the top, bottom, and on cach side of
the bearing) and the corresponding forces separated out into vertical and
horizeontal components. The load components, oil flow, and pumping power
for all of the hydrostatic pads may then be summed to give the

characteristics of the whole bearing.

The above-described theory was transformed into a computer program to
enable fast acquisition of design data to be made. The variation of Joad
and static load stiffness with journal vertical displacements was found to
take the form shown in figures 6 and 7 of section 6. These results are

discussed in section 7.

6.2 Operation Under Dynamic Loads

when the bearing operates under the action of a dynamic load, the oil flow
rate, pumping load, the oil flow rate, pumping power, and steady load
supported remain unchanged. However, the bhearing stiffness and damping
Leecome of prime importance because they affect substantially the vibration

amplitude of the system for a particular force amplitude. A method of

determining the bearing stiffness and damping is described below.

The displacement of the journal from the concentric position, under

dyvnamic load, takes the form
v Yo 'Yl - Yo Y Sin wt
X T Nt N] = Xo + X Sin (Wt - o)

where x1 and y] are displacements of the journal (rom the static
equilibrium position. As a consequence of these displacements the out flow
of oil over the bearing lands of one hydrostatic pad differs from that

given in equation (5) and is now given by

p_C 3
o = [0 Yo) * fxor X1 * Tyor Y11 -+ o oo (U
12 U W

L i
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where f and f are the differentials of f{x,, y,5 with respect to x, and
X0 yo o Yo o

y, respectively.

An alternative flow path for lubricant leaving the pocket is that through
the flow restrictor leading to the accumulator. (This flow path is of ne
consequence when considering steady-state loads, since the accumulator
forms o closed part of the system with a zero net flow into it). Any flow
from the bearing pocket into the accumulator is as u consequence of a
pressurce difference between the lubricant in the bearing pocket and that in
the asccumulator. This pressure difference acts against the capillary flow

resistance and also acts to accelerate the fluid in the capillary such thiatl

1 an

Pp -« pa = = Qq t Iq .+ — (15;
Ka dt

where Pa 15 the instantaneous lubricunt pressure in the accumlator, K, is

the constant describing the characteristics of the capillary flow restictor
between the bearing and accumulator, Q4 is the lubricant flow rate into the
accumulator, and I, is a coefficient describing the inertia of the

lubricant within the accumulator capillary.

The pressure changes within the accumulator are related to the volume of

oil flowing into it by the equation

dp
—2 . Ba, N & L)
dt

where B is a  constant which describes the characteristics of the

accumulator.

The flow of lubricant from the supply into the bearing pocket is described

similarly by the equation

Py s g1y =2 O G X 3

vy



where Qg is the lubricant flow rate from the supply into the bearing

pocket, and 14 is a coefficient describing its inertia.

Any flow of o0il into the bearing may be partially accomodated by an
increase in the bearing volume, as the bearing surfaces move away from each
other (and vice- versa). This flow may be represented, for a velocity dy/dt

of the bearing surfaces away from each other, as

o - A% o as
dt

Tn addition to the above, lubricant flowing into the bearing pocket may
also be accomodated as a consequence of compressing the lubricant already
in the clearance volume. The flow rate associated with compressibility of

the lubricant is given by

v.ooodp
a. -+ B P 4 1)
K dt

where Voo is the bearing pad effective clearance volume and K is the

P
lubricant bulk modulus.

The unsteady state flow equation for lubricant within the bearing pocket

takes the form
Qg " Qq + Q) # Qu t Qe v v e e e e e e e e e e (20)
The journal displacements, and the lubricant flow rates and pressures, may

bee assumed to vary according to the following expressions provided that

amplitudes are small compared with steady -state values.

e




y ¥o + Y1 Sin wt

X 7 Xg t X] Sinwt + Xa Cos wt - x, + X Sin (Wt + ¢}
Py Ppo *+ €1 Sinwt + € Cos Wt = P, ¢+ € Sin (Wt + €)
P, Ppo t Y1 Sin wt + yp Cos wt

Qg Qgq * T] Sin Wt + 7o Cos wt

04 Quo ¢ ¥ Sin wt + ¥o Cos wt

In the above, the terms with suffices 1 and 2 are 'in-phase’ and

"quadrature’ values of the fluctuations in the displacement, pressure, and

fiow terms as appropriate.

Substituting equations {21) into equations (14) to {20), whilst also

substituting equations 14}, (18) and (19) into (20) gives:

fp” ‘€1 Sin wt + €3 Cos wt) - §a0 - (¥7 Sin wt + Yy Cos wt)

L ‘530 t 9] Sin Wt i Yo Cos Wt) + T, W (Y] Cos Wl - o Sin wl), . (22
K

a

vyl W Cos Wt Yo W Sin wt - B (Qu, + %] Sin wt « %y Cos wt) . . . . . (23)
[ Si ' y o L& , S
s Pyt €] Sinwt + €p Cos wt) - ; (Qgo + T Sin Wt + 75 Cos Wt

ol W Ty Cos wt - T2 Sin [0 N 1

650 © Ty Sin wt + Ty Cos wt = 530 + Y1 Sin wt + Yo Cos wt

¢ ):; f('\'n y()‘
¢ (ﬁm + €] Sin Wt + €5 Cos Wt)
12 4w

fxo (Xl Sin wt + X2 Cos wt)

P c3
W Q

+ fyo Y] Sin wt + Ay Yp Cos wt
12 u W

v
oL W ey Coswt cepSinwt) Lo L. (25)
X




The terms marked ¥ in the above equations may all be deleted since they are
either zero terms or they relate Lo steady conditions and equuate on each
side of the equations. Comparing the coefficients of Sin Wt and Cos wt on
each side of what remains of the equations (22) to (25) then leads to the

following equations which may be written in matrix form as:

[ ! 0 “1/Kg w0 0 0 0 1
0 1 W  1/Kg 0 0 0 0 €
1 0 0 0 -l 0 -1/Ky Tgw 1
0 1 0 0 0 1 T /Ky | {Te
0 0 0 0 0 W n 0 nl -
0 0 0 0 w 0 0 B o
F"R % Yo' i*—‘j 1 0 0 0
] X ‘ 0 1
Vow _c 3 fix )
L o 2% 9 1 0 0 0 1 $o
K 12 u W
J
]
0
0
0 (26)
0
0
0




The inertia terms Ig and I, in the above equation may be determined by
applying Newtons 2nd law Lo the column of liquid contained within the

capillary.

Thus

where AP is the pressure difference ucross the capillary, a is the bore
(ross-sectionul area, w the mass of lubricant within the capillary, and v

its acceleration. Equation (27) may also be written as

— D sy

where 1 is the length of the capillary tube, o is the lubricant density,
and Q@ is the flow rate through the capillary. Further consideration of
cquations (15) and (17, reveals that the capillary inertia coefficient 1s

then given by

—
‘O
]
e

Fquation (26) may be solved to determine the unknown amplitudes of the
variables in the column matrix on the left hand side, in particular the

pocket pressurc amplitudes €] and €3.

The force-displocement relationship for one hydrostatic pad under dynamic

operating conditions takes the form

Fy - Kyy Yyt ny X] + ny y1 + ny X1 v e e e e e e e e (30)

20.




where Kyy» ny, ny and ny are the direct and cross-coupling stiffness and

damping coefficients for onc bearing pad. Fy is the load on the pad (in

the vertical direction};the arrangement may be considered to be as shown in

figure 3. The variation in force Fy, on the pad will be reluted to the

bearing pocket oil pressure by

F.. — A (€] Sin wt + €9 Cos wt}

y

3

Substituting for x and y from equations (21) and for Fy from {31} into

equation (30;, and comparing coefficients of sin wt and Cos Wt gives

Aey T Kyy ¥y o+ Ky:\' Xy - uC.V X2
Ay 7 Kyx Xo + WCyy Y] + WCyx X)

If we then set Xy - Xo - 0, then

, A
Koy - —
¥ Y,

A€,
ny T —
WYy

whilst if we set Y} = Xo = 0, then

Acl
Kyy = —
X1
Ac.,
Cyx -
WX

Thus all four 1linearized stiffness and damping cocfficients

hydrostatic pad are determined.

21,

(435

(34)

for one

A .



The above theory was transformed into a computer program enabhling stiffuess
and damping coefficients for each hydrostatic pad in the bearing to be
computed, in terms of its local coordinates. These coefficient values were
then transformed into corresponding values of the global coordinates as
described in reference (6) and summed to determine net coefficient values
for the whole bearing. The program was used to investigate the varialion
in hearing stiffness and damping with journal eccentricity, capillary
inertia coefficient, accumulutor restrictor coefficient, and forcing
frequency.  The results of this investigation are also summarized in the

section 6.

6.3 Hotor Hesponse

The bearing stiffness and damping coefficient values determined as
described in the previous section were used as iuput data to a third
computer program which has bcen used previocusly by the authors to determine
rotor response. This program is based on the transfer matrix method. The
method is well-known by rotordynamicst und so will not be described in
detail in this report for the sake of brevity, further details of the

method may be found in references (9) to (11;.

The system design parameters used in this investigation were similar to
those of a real aeroengine compressor shaft system. It was decided that a
rotor whose mass was mainly located at midspan be investigated, since it
was  intended that the experimental test rig rotor would feature this
characteristic, for the sake of simplicity, The other details of the
system were as shown in table 1. A description of the system modelled is
given in section 9. The following section shows the results of the
tnvestigation, indicating the variation in rotor vibration amplitudce with

running speed for two values of accumulator restriclor setting.
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Bearing Details: -

fvdrostatic pad arrangement:

Lubricant supply pressure:
Compensit ion:

Nominal radial clearance:
Liand width:

Bearing diametoer:

Beaving leogth:

Tabr ieant viscositye
Design pressure ratio, A
Lobricent bhulk medulus:

Hecess Depth:

1 at cach of top, bottom, and sides;
total per bear oy

2.8 Mpa

Capilliavy tabe

127 1

1.7 GPa

1O m

ie

4

floter Details:

Lenpth between beartugs:
Shatrt diameter:

Shaft Lhending stiffness:
Raotor mass:

KHotor diameter:

otor fengtle

Nomilnad masimum speed:

0.5 m

0.01 m

9.6 MNm !

35 Kg

0.4 m

0.08 m

about 10,000 rev/min

Cperating

range of shaft/bearing stiffness ratio: 0.1 - 6.0

Table 1:

23.
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7. RESULTS

This section contains the results of the theoretical investigation of the
hydrostatic hearing static and dynamic characteristics, and of the
vibration amplitude variation with running speed of o single mass rotor
running in such bearings. The results relate to a machine whose design
fealures are similar to those indicaled in table 1, unless stated

otherwise.

The following results are included in this section:

Figure 6 Variation of bearing load with journal eccentricity
Figure 7 Variation of steady load stiffness with journal eccentricity
Figure 8 Variation of Bearing Stiffness coefficient Kyy with vertical

cecentricity

Figure 9 Variation of Bearing Damping coefficient ny with vertical
eccentricity

Figure 10 Variation of Bearing Stiffness coefficient Kyy with
horizontal eccentricity

Figure 11 Variation of Bearinyg Damping coefficient Cyy with horizontal
eccentricity

Figure 12 Variation of Bearing Stiffness coefficient Ky with vertical
cceentricity

Figure 13 Variation of Bearing Damping coefficient ny with vertical
eccentricity

Figure 14 Variation of Bearing Stiffness cocefficient Kyx with vertical
eccentricity

Figure 15 Variation of Bearing Damping cocfficient ny with vertical

eccentricity

Figure 16 Variation of Bearing Stiffness coefficient Kyy with frequency
Figure 17 Variation of Bearing Damping coefficient Cyy with frequency
Figure I8 Variation of Bearing Stiffness coefficient Kyy with

Accumulator Restrictor
Figure 19 Variation of Bearing Damping coefficient ny with Accumulator

Restrictor

Figure 20 Variation of Rotor Ist critical speed with support stiffness
Figure 21 Variation of Rotor Vibration amplitude with running speed
2h.
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Figure 12: Variation of Bearing Stiffness Coefficient Kx
vertical eccentricity v
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8. DISCUSSION

Figure 6 shows the variation in steady vertical displacement with static
vertical load for the hydrostatic bearing. As is normally the case with
hydrostatic bearings, *the authors have decided to aperate with a pressurc
ratic B 7 0.5 at the nominal design clearance since this will result in an
oil film of higher stiffness (s0 far as operation under static leading is
concerned). The gravity load on each bearing is calculated to be ahout 200
N, so that each hydrostatic bearing will operate at an ecccentricity ratio

of approximately zero see point P on figure 6.

The variation of steady load stiffness with vertical eccentricity is shown
in Figure 7. Stiffness decreases with increasing bearing eccentricity in
general, irrespective of the bearing pressure ratio 8. For this reason the
design pressure ratio is chosen on the basis of maximum stiffness at the

design cocentricity only.

Figure 8 shows the variation in hydrostatic bearing stiftness coefficient
Kyy with vertical displacement for various horizontal displacements., Tt is
noteworthy that its value does not change significantly with horizontal
displacement, although it does with vertical displacement. Under notrmal
operating conditions the bearing will be operating at o virtually zcero
vertical eccentricity (as well as zero horizontal eccentricity) so that the
stiffness coefficient Kyy will assume a maximum value. Despite the
non lincarity of the curve, it can be seen from the effective oil film
coefficient value would not be expected to change by more than 10% of its
original value provided that the vibration amplitude does not exceed 0.2

times the nominal bearing clearance.

Figure 9 shows the variation in hydrostatic bearing damping coefficient ny
with vertical displacement for various horizontal displaccments. In this
case the coefficient value does not chauge significantly with either
horizontal or verticul displacement. This means that the value of damping
caefficient ny can be calculated accurately at the design stage and that

non linearity of this coefficient is unlikely to present a problem.

33.
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Fipures 10 and 11 show the variation of horizontal stiffoess and damping
coctficients K'\,y and C\‘.\' respectively with horizontal ccecentricity.  These
coefficients do net change significantly with horizontal cccentricity., and
so once again coefficient non lincarity is unlikely to present a problem.
Once again, the coofficients take a maximum value when the bearing operates

in the concentric position.

The Variation of beuring bovizontal stiffaess ond damping coefficieats Kyy
and Oy with horizontal and vertical cccentricity is identical to that of
coefficicnts K}.)v and Cyy with wvertical and horizontal cecentricity
respectively. For the sake of brevity the corresponding curves have not

been included in this report.

Figure 12 to 156 show the variation of the cross coupling stiffness aud
damping coefficients Kyy, Kyy, Cgy and Cyy with displacement. These
coefficient values are all much smaller than the values of the dircet terms
discussed ghove and so are of little significance; in any instance they oil
assume a zero value when the bearing operates at zero eccentricity as will
be the case for the test rig with which this project 1s concerned.  Thes
¢raphs are included in this report only fov the sake of completoness of

records,

Figures 16 and 17 show the variation in stiffness and damping coefficient,
Kyy and ny respectively, with excitatiorn frequency. For the fieguency
range under inpvestigation it is clear that the coefficient values do not
change significantly. This feature of the results ts significant since it
indicates that the inertia of the 1lubricant within  the capiilary
restrictors is unlikely to affect the behaviour of the lLearing adversely.
The other six bearing coefficients are similarly unaffected by frequency of
excitation; the appropriate curves for these coefficients have been omitted

from this repart for the sake of brevity.

The variation in bearing stiffness and damping with flow resistance between
bearing recess and accumulator is shown in Tigures 18 and 19, (These
graphs relate to coefticients Kyy and Cyy: once more graphs for the other
cucfficients have been omitted for the sake of brevity but do in fact take

on similar features).
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Tt can e seen that when the flow resistance into the accumulator is large
te when Ky kg s smoll o then the coefficients take on high values, whercas
when the flow resistance is very small (K, /Kg lorge; the magnitude of the
coefficients is reduced to about 5% of their original value. Thus, o
substantial change in bearing dypamic coefficient values can be introduced
by connecting an cccumulator to the  hvdrostatic hearing recesses vin a

connector whose flow resistance is negligible,

This condition can be achieved In practice, if only two values of cach
bearing dynamic coefficient ure required during operation, by connecting
the accumulalors to the bearing recesses via remotely-controlled on off

vialves with large bore diameters.

The variation in first critical speed with support stiffness for the test
rig being constructed is shown in figure 20. The hydrostatic bearing has
been designed so that the two values of bearing stiffness cocfficients

obtained with the accumulator switched ’in’ and 'out’® tend to stradle the
steepest part of the graph as shown. Tt appears thal with this arrangement
the test rig first eritical speed may be switched from about 4,600 rev/min
to abt 2000 revmin, The corresponding response curves for the machine
are shown in figure 2], In this figure it can be seen that if the
accmaulators are switched *in’ at about 23,500 rev/min, then the maximum
amplitude of vibration of the machine during run up through the first

critienl speed region may be reduced from about 72 wm to about 7 pm for the

e vample shown.

The form of ecach of the graphs discussed above was of direct relevance to
the design of the test rig. In addition to these, a number of additional
parameter  relationships  for  the hydrostatie hearing have also  been
tnvestigated.  The appropriate results have been taken into account during
the test rig design, but the form of the graphs is not of such direct
significance and so they have been included in this report only as an
appendix containing Tigures 23 to 30. These results may be summarised as

follows:

0 Decreasing pressure ratio B tends to increase beering stiffness and
damping, although stiffness actually 'peaks’ at B =0.5 in the case of a

high flow resistance in the accumulator line (figures 23 and 24).




b loereasing bearing clearance tends to reduce both the bearing damping

and stiffness [figures 25 and U6).

. Raising the lubricant supply pressure has little effect on the beuaring
damping, but does rvesult in a proportional increase in beariug

stiffoess (figures 27 and 280,

d Increasing the bearing land width has little effect on the bearing

stiffness but does increase bearing damping (figures 24 and 30).

It is noteworthy that these relationships are in general ayreement with
those found in  other literature  relating  to  hydrostatic  beor ooy
pevformance, They are of interest because they provide additional
informat ton about how the bearing characteristicos may be deliberately set

at the design stage, once the required values have been determined,

To summarise, the hydrostatic bearing may be designed to accomodate the
static load, due to rotor gravity forces, withont significant cccentoicity
of the journal.  The bearing dynamic characteristics of most significance
are the direct stiffness and damping coefficients since the cross coupling
cocfficients are several orders of magnitude smaller.  The direct stiffnens
and damping coefficients can be substantially reduced by connecting an
accumulator to the bearing recess and, provided that the hydrostatic
hearing is correctly designed for the rotor system under consideration, the
stiffness change introduced can be made to resullt in a significant change
in machine natural frequency. If the accumulator is switched *in’ at the
correct rotational speed then the maximum vibration amplitude of the
machine during runp up may be reduced by over 90%. The required hydrostatic
bearing dynamic characteristics can be obtained by correctly selecting

appropriate design parameters for the bearing.
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9. TEST RIG DESIGN

A test rig has been designed which will enable experimental evaluation of
the new bearing design under consideration. The final details of the
design have been established with o view to modelling the high speed
compressor shaft of a General Electric TF34 turbofan engine, some details
of which are given in reference (120, The only depurture of the similarity
of the experimental rig from that detailed in reference (12) is the absence
of an overhung rotor mass in addition to that mounted between bearings.
The test rip 1s designed to operate up lo speeds well above its [irst
critical speed of 5000 rev/min. A computrison of some of the design
putamelers of the TF34 turbofan engine with those of the test rig is shown
in table 2. Some additional design details of the bearings to be used
with the test riyg are as used for the theoretical inpvestigation, ond are

shown in table 1.

A diagram of the assembled test rig is shown in figure 22. 1t consists of
a rotor of mass 35 kg mounted on a shaft of leangth 0.5 m.  The shaft, whosc
stiffpness is 9.6 MN/m"], runs in raolling element bearings which are pressed
into a steel bush; the bush is in turn mounted in the hydrostatic bearings
and 15 constrained not to rotate by anti rotaltion pegs. Eoch hydrostatic
bearing contains four hydrastatic pads, as shown in figure 2L, The bearing
operates with @ concentric pressure ratio f 0.5 to provide maximum
resistance to journal displacement under gravity loads, the steady state
Journal ecceantricity being negligible. fach bearing is supplied with
Tubricant of dynpamic viscosity 9.050 Puso at o pressure of 2.5 M Pa. The
hydrostatic bearing  pedestals are mounted firmly on a fabricated bed-plate
which is in turn fixed securely to the ground. The rig is powered Ly a

variable specd electric motor which is remotely controlled.

Vibration measurements are recorded by non contracting inductive proximity
transducers situated at cach bearing and at the rotor mass. The output
signals from the transducers are to be recorded by a
microcomputer-control'ed data-logging system which may also be used to help

to process and plot the results,
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Property Valve on Test Rig Value on TF34 Engine
Shaft Stiffness 9.6 MN/m~1 51 MN/m~1
Rotor Mass 35 K¢ 40 Kg
Ist Critical Speed 2500 - 5000 rev/min 5000 rev/min
Ratio Shaft/Support Stiffness 0.1 - 6.0 normally between
0.6 and 2.5
Running Speed up to 10,000 rev/min up to 17,600 rev/min
Lubricant Viscosity 0.05 Pa.s 0.04 Pa.s

Table 2: A Comparison of some test rig details with those of a General

Electric TF34 Turbofan Engine high speed shaft.
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10. REVIEW OF CURRENT STATUS OF PROJECT

The current status of the research project described in this report is
indicated by figure 1. As explained in section 1 of this report, work
began on the project in March 1985, as indicated in the figure, so that

March 1986 corresponds to month 13.

For each activity indentified in figure 1, the percentage figure indicaled
on the appropriate line gives the fraction of that activity which has been
completed at the time of writing this report. Those activities not yet

completed are as follows:

(i) Obtain Theoretical Results

Some theoretical results are presented in this report; however the
computer programs are to be re-run in order to further investigate
the effect of system parameter changes, and the results are tu be

re-presented in dimensionless form.

(i) Produce Drawings

Most of the engineering drawings required for test rig manufacture
have been produced. It is possible that further auxilliary
drawings detailing such items as balance wts, wiring diagrams,

lubrication systems, etc may be required.

(111 Bought Out Material & Rig Manufacture

Test rig manufacture is about to commence. Most of the naterial
required for this is in stock. Some further components such as
piping, valves, and accumulators still need to be purchased. It

is anticipated that the rig will be assenbled by September 1986.

4o.




The authors overall opinion of the project status, bearing in mind the
details indicated in figure 1, is that the project may be completed in
slightly less time than the 36 months originally estimated. However, in so
far as the original grant document is concerned, which was based on a
project start date of September 1984, the authors anticipate possibly

requiring an extension of the grant period at no cxtra cost.
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11. CONCLUSIONS

It is clear from the results of several previous investigations discussed
in section 5, and from the theoretical studies described in this report
that machine vibration amplitudes can be minimized by correct choice of
shaft support dynamic charateristics. It is further evident that changes
in shaft support dynamic characteristics can substantially change machince

critical speeds.

The theoretical studies described in  this report have shown that
hydrostatic bearing dynamic characteristics can be tuned by controlling
flow restrictors which  link  accumulators to the bearing pockets.
Furthermore, the changes in bearing stiffness and damping so implemented
can be used to change significantly machine critical speeds. If the change
in support stiffness is made while the machine is running then the maximun
vibration amplitude during run up may be reduced, using this tochnique, by

up to 90%.

The project stutus may be summarised as follows.  The theory development
and omputer programming are virtually complete.  The test rig design has
heen completed and manufacture is under way. During the coming months,
while the rig is being manufactured, further theoretical results will be
obtained from the computer output and consideration will be given to the
test rig control system.  The delay fo 6 months in commencing work on the

project has, to a large extent, been recovered.
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12. RECOMMENDATIONS FOR FURTHER WORK

Funding of the project has been provided by EOARD for two years to date,
and this has either been expended or allocated according to the original
resecarch schedule plan contained in the grant proposal document (similar to
figure 1 of this report). Some return on this investment has been obtained
in the form of theuvretical results contained within this report, and

further theoretical results will be available shortly.

Further work should centre around obtaining experimental evidence to
substantiate the theoretical results in order that the theory may be used
with more confidence when applied to real aero-engine systems. The
experimental testing should proceed according to the schedule in figure 1
using, (in the first instance), the lest rig described in section 9. The
experimental work should include measurements of mwachine vibration
amplitude and frequency through the entire running spced range, this data
should be collected for several values of accumulator restrictor setting,
bearing oil supply pressure, and other pertinent parumeters. Additional
experimental test runs should be made using a microprocessor based countrol
system which  would automatically vary the shaft support dynamic
characteristics in accordance with the requirements for minimising machine

vibration.

In order to carry out the remainder of the rescarch programme described
above a third year of funding will be required, in accordance with the
original project grant application document. With this proviso, the
authors recommend that experimental testing should begin at about November

1986.
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APPENDIX

This appendix contains a number of graphs which indicate the variation of
hydrostatic bearing dynamic characteristics with changes in the design
parameters pressure ratio B, clearance, oil supply pressure and land width.

These graphs have been discussed in section 8.
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